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Abstract 
 
In this study, a centrifugal pump with a specific speed of 39.12 m×min-1×m3s-1 is treated to analyze the flow instability under part-load 

conditions by numerical simulation and experimental test. For calculations, the RANS method, coupled with the k-ω SST turbulence 
model, is adopted. Numerical results at different operation points are compared with available experimental data, such as hydraulic per-
formance and flow field information by particle image velocimetry. The numerical and experiment results agree well. The flow simula-
tion indicates a strong reverse flow at the passage upstream impeller inlet, and the energy loss in the impeller is the largest under part-
load conditions among all flow components in the pump. In one impeller revolution, one blade-to-blade flow passage is always nearly 
blocked off by the rotating stall occurring at the impeller inlet for each instant, and the blockage induces a jet flow with large velocity at 
the next blade-to-blade flow passage along the rotational direction of the impeller. The blockage and the jet flow in the blade-to-blade 
flow passages will make the flow unstable inside the impeller and cause performance breakdown and pressure vibration under part-load 
conditions for the pump.  
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1. Introduction 

Flow instability is a common unsteady phenomenon in the 
field of hydraulic machinery that often causes violent pressure 
fluctuations and strong noise as units run under part-load con-
ditions [1]. Avoiding the flow instability phenomenon as a 
pump runs under such conditions, i.e., high-head and small-
flow conditions, is usually difficult [2, 3]. Fig. 1 compares 
hydraulic performance curves at different conditions. For gen-
eral cases, only one intersection exists between the head per-
formance curve of the pump and the characteristic curve of the 
pipeline, and the pump is operated under stable conditions. 
However, when two or more intersections exist between those 
two curves, a special physical phenomenon at part-load opera-
tions called “hump” occurs. The operating point is not fixed 
and can move back and forth between these intersections, and 
the pump is in a state of instability. Therefore, during the op-
eration of the pump, especially a low-specific-speed centrifu-
gal pump, the flow instability phenomenon must be sup-
pressed as units run under part-load conditions. 

To extensively investigate the flow instability phenomenon 
at part-load conditions, many studies have been conducted. 

Ran et al. [4] considered that the hump region generally oc-
curs at conditions of 0.5Qd~0.6Qd in the ordinary pump, where 
Qd is the flow rate of the design point, whereas the hump re-
gion can be up to 0.9Qd in the pump turbine at pump mode. 
Mou et al. [5] believed that the appropriate number of blades, 
blade angle, and blade width at impeller exit would have a 
positive effect on the suppression of the flow instability phe-
nomenon. Braun [6] investigated part-load flow in radial cen-
trifugal pumps under off-design conditions by experimental 
and numerical methods and considered that adverse pressure 
gradients in the pump diffuser and secondary flow between 
guide vanes may cause flow separation, which may cause 
flow instability further. Some researchers have considered the 
phenomenon of flow separation [7, 8], recirculation at pump 
inlet passage [9-11], and rotating stall [12-15], which are asso-
ciated with small-flow-rate conditions. All these phenomena 
would cause great energy loss, which may be the reason for 
the formation of flow instability. 

The internal flow of a pump is analyzed through two main 
methods, namely, visualization experiment and numerical 
simulation. In an experiment, Ciocan et al. [16] performed the 
velocity distribution in the guide vanes of a pump turbine at 
hump conditions by using particle image velocimetry (PIV) 
and laser Doppler velocimetry, and presented the interaction 
between the generation of vortices in guide vanes and the 
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hump phenomenon. Meanwhile, with the development of 
computer technology and computational fluid dynamics 
(CFD), different numerical simulation methods, such as Rey-
nolds-averaged Navier–Stokes (RANS) [17], large-eddy simu-
lation [18, 19], and direct numerical simulation (DNS) [20] 
can be conducted to analyze complex flows at special opera-
tions in pumps. These results and improvements are helpful in 
revealing the mechanism of flow instability phenomenon. 

In this work, a centrifugal pump with low specific speed is 
treated to study the flow instability phenomenon by using 
steady and unsteady flow simulation. The calculated results 
are compared with experimental results to preliminarily ex-
plore the instability of the flow in a centrifugal pump at part-
load conditions and explain the mechanism of the rotating stall. 

 
2. Test pump and simulation model 

2.1 Geometry of centrifugal pump 

The investigated pump has a specific speed of 39.12 m×min-1× 
m3s-1. The pump has a shrouded centrifugal impeller, which is 
shown in Fig. 2. At the designed operation condition, the flow 
rate is Qd = 1.80 m3/h, the head is Hd = 2.67 m, and the rota-
tional speed is n = 1000 r/min. The main details about the 
impeller are shown in Table 1. 

For convenience of flow measurement by PIV, the front 
shroud and all the blades of the impeller are made of transpar-
ent Plexiglas, and the suction pipe is replaced by a special 
suction passage. The special suction passage has an inlet pipe, 
which is set beside the pump as shown in Fig. 3. To produce 
the same physical condition between the numerical simulation 
and the experimental test, two planes for pressure measure-
ment are selected as the inlet and outlet, respectively, of the 
simulated model. Fig. 3 shows the test pump and the pressure 
measurement devices in the experiment. The computation 
domain for the pump is shown in Fig. 4. The simulation model 
includes an inlet pipe, impeller, and casing and outlet pipe, 
among others. For better convergence, an extension pipe is 
connected with the outlet pipe. Due to a large axial clearance 
between the pump cover and impeller shroud, a gap zone is 

formed in the computation domain. 

 
2.2 Mesh generation 

In this work, structural mesh is generated for all flow com-
ponents. Detailed meshes for different parts of the simulation 

 
 
Fig. 1. Comparison of normal performance curve and performance 
curve at part-load conditions. 

 

Table 1. Main geometrical parameters of pump impeller. 
 

Parameter Value 

Impeller inlet diameter D1/mm 56 

Impeller exit diameter D2/mm 142 

Blade width at impeller exit b2/mm 7 

Blade number Z 5 

Inlet angle of blade β1/° 19 

Exit angle of blade β2/° 42 

Wrap angle of blade j/° 106 

 

 
 
Fig. 2. Geometry of pump impeller. 

 

 
 
Fig. 3. Test rig for experiments. 
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model are shown in Fig. 5. The mesh is provided suitable 
refinement near the blade wall. 

Five sets of mesh with different numbers are selected for a 
mesh independence test, and the relative pump head H/Hd is 
used for comparison. As shown in Table 2, the mesh inde-
pendence test indicates that a mesh of 3.2 million grid points 
is the acceptable compromise between the solution accuracy 

requirement and the computer resources. 
The y+ distribution near the wall surface in the computation 

domain under four conditions is shown in Table 3. The largest 
value of y+ is below 200, which meets the requirement of the 
wall function using the k-ω SST turbulence model. 

 
3. Numerical methods 

Steady and unsteady simulations are conducted on the basis 
of RANS equations. The k-ω SST turbulence model is used to 
capture the unstable behaviors, such as rotating stall and flow 
separation, at part-load conditions in the pump.  

Water at 25 °C is selected as flow medium. A rotational co-
ordinate system is set for the area of the pump impeller and 
the gap, and a stationary system is set for these stationary 
components. Interfaces exist between these connecting faces 
for two reference systems, where the sliding mesh strategy is 
applied. The boundary conditions are as follows. The mass 
flow rate according to the operation point is assigned at the 
domain inlet, and the total pressure is assigned at the domain 
outlet. All solid walls have non-slip boundary conditions.  

In the steady calculation, the residuals are set to 1.0´10-4. 
For unsteady simulation, the time-dependent governing equa-
tions are discretized in space and in time. The time step is set 
as 0.001 s at first, corresponding to a runner-rotating angle of 
6° per time step. After several revolutions, the time step is set 
as 0.0005 s, i.e., 3° per time step for the subsequent simulation. 
The residuals are set to 1.0´10-5. 

Numerical simulation is performed by using CFD commer-
cial code ANSYS CFX 15.0.  

 
4. Results and analyses  

4.1 Characteristic curves 

To show the pump performance, the non-dimensional pa-

 

 
 
Fig. 5. Mesh generation for each flow component of computation domain. 

 
Table 2. Mesh independence test. 
 

 Mesh number H/Hd 

Mesh 1 1390176 0.963 

Mesh 2 1926319 0.960 

Mesh 3 2591883 1.014 

Mesh 4 3203889 0.976 

Mesh 5 3524505 0.974 

 
Table 3. y+ distribution near wall surface at four operation conditions. 
 

Q/Qd Blade Hub and shroud 

0.45 2.69~111.74 2.52~168.88 

0.6 1.94~118.06 2.75~187.09 

0.8 2.64~113.91 2.64~182.27 

1.0 4.31~104.80 6.10~196.58 

 

 
 
Fig. 4. Computation domain of pump. 
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rameters, flow coefficient f and head coefficient y [21] are 
defined as 

 

2 2

Q
A u

f = ,  (1) 

( )2
2 2

H
u g

y = ,  (2) 

 
where Q is the mass flow rate and A2 and u2 are the area and 
peripheral velocity at impeller exit, respectively. A2 can be 
calculated by A2 = pD2b2. 

The characteristic curves of the test pump operated at n = 
1000 r/min are shown ain Fig. 6, where the relation between 
head coefficient and flow coefficient (Fig. 6(a)), and that be-
tween efficiency and flow coefficient (Fig. 6(b)) are expressed. 
The subscript “e” means data by experiment, and the subscript 
“c” means data by calculation. For the numerical results, the 
subscript “s-c” represents results obtained by steady calcula-
tion, and the subscript “u-c” represents results obtained by 
unsteady simulation.  

The pump has an unstable head when operated at a flow co-
efficient ranging from f = 0.008 to f = 0.018, and the present 
simulation can reproduce the flow instability phenomenon in 
the pump. The results in Fig. 6 indicate that the pump head is 

predicted well, and a discrepancy of efficiency is observed 
between the numerical and experimental data. This discrep-
ancy is due to mechanical loss, which is not included in the 
numerical simulation.  

The unsteady simulation predicts better performance ten-
dency compared with the steady simulation. For the prediction 
of head coefficient, the steady simulation overestimates the 
pump head compared with experimental data at a flow coeffi-
cient below 0.018 and underestimates the pump head at a flow 
coefficient over 0.018. Meanwhile, the unsteady simulation 
always overestimates the pump head compared with the ex-
periment. At the part-load conditions of f = 0.5fbep~0.6fbep 
and f = 0.65fbep~0.72fbep, the discrepancy is large, which 
indicates flow instability under such conditions. In addition, 
the prediction accuracy is fairly well around the design condi-
tion, i.e., fd = 0.0225, corresponding with Qd = 1.8 m3/h. Fur-
thermore, the best efficiency point is nearly the same as the 
design point, i.e., fbep = fd. 

The vertical bar in Fig. 6 represents the oscillation over the 
averaged head coefficient for the unsteady simulation. The 
head oscillations are larger at part-load conditions. 

 
4.2 Flow upstream impeller 

To depict the flow inside the pump at different operation 
conditions, Figs. 7 and 8 show the velocity vector at one sec-
tion of the impeller inlet cut along the pump shaft centerline, 
and the axial velocity distribution along a line (marked side 1 
in Fig. 7) at different operation conditions. 

At the operation condition of f = 0.0113, reverse flow is 
observed near the wall of the pump cover, and the reverse 

 
(a) 

 

 
(b) 

 
Fig. 6. Characteristic curves of test pump. 

 

 
 
Fig. 7. Axial velocity distribution at inlet tube section, f = 0.0113. 

 

 
       (a)             (b)             (c)           (d)  
 
Fig. 8. Axial velocity distribution on centerline of inlet tube section at 
(a) f = 0.0113; (b) f = 0.0125; (c) f = 0.0175; (d) f = 0.0225. 
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flow occupies a sizable area of the flow passage. As the flow 
coefficient increases, the ratio of the reverse flow decreases. 
Though the axial velocity is not identical along the line, no 
reverse flow is seen at the design point, i.e., f = fd = 0.0225.  

The reverse flow and vortices will result in energy loss in 
the flow passage of the impeller inlet. Thus, the operation 
points of three flow coefficients are located inside the region 
with flow instability. The operation condition of f = 0.0113 is 
the left end of the region with flow instability, as shown in Fig. 
6(a). Thus, the vortices may develop as the flow enters the 
impeller, and contribute to the flow instability phenomenon. 

 
4.3 Averaged flow in impeller 

In Fig. 9, the averaged flows on the mid-span section of the 
impeller are presented at different operation conditions. For 
convenience of description, the passage near the pump outlet 
tube is named A, and other blade-to-blade passages are 
marked B to E, according to the rotation direction of the im-
peller. 

At f = 0.0275, the streamlines on the mid-span section of 
the impeller are generally smooth, and no vortices are gener-
ated at the blade-to blade passages. With a decrease in flow 
coefficient, vortices seem to develop in the impeller. Interest-
ingly, two blade-to-blade flow passages are blocked off by the 
vortices at f = 0.0125, whereas three blade-to-blade flow 
passages are blocked off at f = 0.0175 and f = 0.0113. These 
results indicate the vortices are not fixed in certain passages at 
different part-load conditions. 

 
4.4 Hydraulic loss  

The impeller inlets have reverse flow, and the blade-to-
blade passages have vortices. These unfavorable flows may 
cause hydraulic loss in the pump. The pump has a special flow 
passage downstream the impeller, and the inlet and outlet of 

the pump casing are defined and shown in Fig. 10. The inlet is 
a cylindrical surface, and the outlet is a circular plane and 
connected with the outlet pipe of the test pump. The energy 
loss in each flow component is calculated at different flow 
conditions. The non-dimensional energy loss parameter, i.e., 
CP, is defined as Eq. (3). Table 4 lists the results, wherein the 
energy loss in the pump impeller is the largest. Fig. 11 shows 
the non-dimensional energy loss parameter in the impeller at 
several operation conditions. 

 
inputoutlet inlet

2 2

2 2

4 4
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Q QQ
D D
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æ ö æ ö
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ç ÷ ç ÷
è ø è ø

,  (3) 

 
where poutlet and pinlet are the total pressure at the inlet and 
outlet for each flow component, respectively. Pinput represents 
the power input to the impeller, and D stands for the hydraulic 
diameter of each flow component. 

The Pinput value is positive for the impeller and zero for all 
stationary flow components. The results obtained in Table 4 
and Fig. 11 indicate that the main energy loss occurs in the 
impeller and the casing. The circular outline and the outlet 
with a small section area contribute to hydraulic loss in the 
casing. The energy loss in the impeller is the largest among 
the flow components due to the presence of the vortices. At f 
= 0.0113, a peak with very large energy loss is observed due 
to the remarkable hydraulic loss in the pump operated near the 
flow instability conditions mentioned above. 

 
 
Fig. 9. Streamlines at mid-span section of impeller at (a) f = 0.0113;
(b) f = 0.0125; (c) f = 0.0175; (d) f = 0.0275. 

 

Table 4. CP in different flow components. 
 

f Inlet pipe Impeller Casing+gap Outlet pipe 

0.0050 −9.58 −246.78 −94.49 −24.73 

0.0113 −3.19 −413.56 −36.11 −11.36 

0.0125 −1.25 −267.44 −24.12 −10.63 

0.0138 −5.21 −104.81 −24.26 −9.72 

0.0150 −1.30 −45.22 −13.43 −12.67 

0.0163 −1.26 −27.16 −16.58 −7.89 

0.0175 −1.77 −58.61 −17.12 −6.93 

0.0225 −0.47 −19.18 −11.54 −6.91 

0.0276 −0.58 −15.83 −8.29 −7.55 

 

 
 
Fig. 10. Location definition for pump casing. 
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4.5 Rotating stall 

As the flow rate decreases from the design point, rotating 
stall will occur in the pump impeller, and the type of stall cells 
changes with the blade number. If the blade number is even, 
the alternative stall phenomenon will occur in the impeller of a 
centrifugal pump. If the blade number is odd, rotating stall 
occurs. The phenomenon of rotating stall can induce a head 
drop over the performance curve [22]. 

 
4.5.1 Comparison between numerical simulation and PIV 

experiment 
Three representative conditions with different flow rates are 

presented for unsteady analysis (f = 0.6fbep, f = fbep and f = 
1.2fbep), and numerical data are compared with the PIV ex-
periments. Fig. 12 presents the streamlines on the mid-span 
section of pump impeller obtained from the simulation and 
PIV test. The left column shows the numerical results, and the 
right column shows the results in the PIV test data for each 
operating condition. For the convenience of description of the 
rotating stall behavior, five blade-to-blade flow passages are 
marked A to E in Fig. 12.  

Fig. 12(a) shows that a pair of vortices appear in four blade-
to-blade flow passages at 0.6fbep, and the vortices near the 
blade suction side are larger than those near the pressure side. 
The strength or size of the vortex in one blade-to-blade pas-
sage is different from the others. The largest vortex is near the 
exit of blade-to-blade passage A, and the vortex near the en-
trance of the passage is also large enough to block the liquid 
flowing in blade-to-blade passage A. However, no vortex 
exists in blade-to-blade passage B. The numerical results gen-
erally reproduce the flow phenomena recorded in the PIV test. 
Based on the results shown in Fig. 6(a), the strong vortices in 
blade-to-blade passages A, E, D and C should induce rotating 
stall and result in the flow instability of the pump. 

The numerical simulation at 1.0 fbep may overestimate the 
vortex in the impeller compared with the PIV test, as shown in 
Fig. 12(b). In blade-to-blade passages A and B, the vortices 
are predicted by numerical simulation and have not been cap-

tured in the PIV test. However, the tendency of flow separa-
tion near the blade pressure side can be observed from the PIV 
test results. The difference between the experiment and the 
simulation can be considered as the limitation of the k–ω SST 
turbulence model. In the future, advanced turbulence models 
should be applied to investigate the flow instability phenome-
non in centrifugal pumps. 

In the case of 1.2fbep, the simulated streamlines, which are 
smooth, agree well with the experimental results shown in Fig. 
12(c), No separation or vortex exists in all blade-to-blade pas-
sages, unlike under part-flow conditions. In addition, the en-
ergy loss in the impeller at this condition should be small. 

 
4.5.2 Evolution of stall cells 

The timely dependent flow should be further investigated to 
depict the rotating stall in the impeller because vortex move-
ment is strong at 0.6fbep. Fig. 13 illustrates the flow develop-
ment at six instants in a rotation circle of the pump shaft, 
namely, t = 0, T/6, 2/6T, 3/6T, 4/6T and 5/6T, where the pa-
rameter “T” stands for the rotation period of the pump shaft. 
To better show this flow evolution, six images are shown in a 
rotation reference frame. At this operating condition, the vor-
tex and its intensity change periodically in blade-to-blade pas-
sages A, E, D and C. Also, no remarkable vortex and rela-
tively large velocity exist at any instant in blade-to-blade pas-
sage B during this period. 

Blade-to-blade passage A is considered to analyze the un-

 
 
Fig. 11. Non-dimensional energy loss parameter of impeller at differ-
ent operating conditions. 

 

 
Fig. 12. Streamline comparisons between simulation and PIV tests at 
(a) 0.6 fbep; (b) fbep; (c) 1.2 fbep. 
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steady flow phenomenon. At t = 0, a pair of vortices occur in 
the passage, whereby one occurs near the blade suction side 
and another occurs at the center of the passage. The vortex 
near the suction side almost blocks off the passage inlet, 
blocking the flow of fluid into the blade-to-blade passage. 
From t = T/6 to t = 3/6T, the vortex oscillates near the inlet of 
the passage, and its intensity seems to decrease. From t = 
4/6T to t = 5/6T, the inlet of the blade-to-blade passage is 
open along the blade suction side despite that flow blockage 
still exists near the pressure side. However, the corresponding 
area and intensity of the vortex located at the passage center 
remain nearly unchanged even though some oscillations can 
be observed during a shaft rotation period. A zone with high 
velocity magnitude exists at the impeller exit whose size 
changes at different instants, indicating the existence of flow 
oscillations.  

Similar to blade-to-blade passage A, blade-to-blade pas-
sages E, D and C exhibit flow oscillations during one shaft 
rotation period. Blade-to-blade passage C has two vortices. 
The large one is along the suction side, and the small one is 
near the pressure side and the impeller exit, as shown at Fig. 
13(a). At the instant of T/6, the vortex near the pressure side 
sheds off, and a new one forms due to the breakdown of the 
large vortex near the suction side, as shown in Fig. 13(b). A 
new vortex develops, shrinks, and moves toward the pressure 
side from t = 2T/6 to t = 4T/6. At the instant of t = 5T/6, the 
vortex sheds off and a new vortex is formed, as shown in Fig. 
13(f). Similar flow behaviors can be observed in blade-to-
blade passages D and E. 

To further capture the unsteady flow in the impeller at 
0.6fbep, Fig. 14 presents the vorticity distribution at the mid-
span section of the impeller in an evolution cycle of the rotat-

ing stall Tstall, which is recognized by vortex development in 
the blade-to-blade flow passages. The vortices at the impeller 
exit propagate along the direction of the shaft rotation. Con-
sider the vortex marked with a circle in blade-to-blade passage 
C at t = 0. The vortex moves to blade-to-blade passage B at t = 
2/12Tstall, blade-to-blade passage A at t = 4/12Tstall, blade-to-
blade passage E at t = 6/12Tstall, and blade-to-blade passage D 
at t = 8/12Tstall. Moreover, the vortex at the impeller inlet in 
blade-to-blade A oscillates, and its intensity is largest at t = 
2/12Tstall although the vortex seems to totally or partly block 
off the passage inlet in the entire circle. Note that the rotating 
stall in this impeller is much different from that in the guide 
vanes of a pump turbine [4], wherein the flow blockage and 
separated vortices rotate and shift from one passage to the next 
between two neighboring guide vanes. Furthermore, no strong 
vortex occurs and blocks off the flow at the inlet of the pas-
sage for blade-to-blade flow passage B. Thus, the blockage of 
blade-to-blade flow passage A and lack of blockage of blade-
to-blade flow passage B are important features for the un-
steady flow at part-load conditions. In this study, the evolution 
cycle of the rotating stall (Tstall) is approximately 12 times the 
period of shaft rotation (T). 

The shed vortices will propagate downstream. Fig. 15 illus-
trates the flow at the middle section of the casing at 0.6fbep at a 
period of shaft rotation. The vortices oscillate near the casing 
outlet, whose position is indicated by a circle, as the flow 
changes in the impeller. During a rotation cycle of the impel-
ler, the periodically changing vortices in the casing result in 
hydraulic loss and contribute to the flow instability in the 
pump. 

The periodic development of the rotating stall in one evolu-
tion cycle can be divided into the stages of growth, mergence,  

 
 
Fig. 13. Flow development at mid-span section of impeller at (a) t = 0; (b) t = T/6; (c) t = 2/6T; (d) t = 3/6T; (e) t = 4/6T; (f) t = 5/6T. 
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Fig. 14. Vorticity distribution at mid-span section of impeller in an evolution cycle of rotating stall. 
 

 
 
Fig. 15. Flow at middle section of casing at (a) t = 0; (b) t = T/6; (c) t = 2/6T; (d) t = 3/6T; (e) t =  4/6T; (f) t = 5/6T. 
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development, split, decay, and shedding. The stall cells propa-
gate at the same direction as the pump shaft rotation. However, 
the propagation speed of the rotating stall is much slower than 
the rotational speed of the pump shaft. The stall cells seem to 
rotate against the impeller. The periodic change and propaga-
tion of stall cells make the fluid redistribute in the passage and 
contribute to the flow instability. During this evolution cycle, 
the blockage coefficient [22] of the impeller flow passage 
changes periodically, and the blockage causes considerable 
energy loss and negatively affect the stability of pump opera-
tion.  

The flow instability in the test pump is also affected by the 
special structure of the pump casing and that upstream the 
impeller. The effects of these structures on pump performance 
and the internal flow of the pump will be studied in the near 
future. 

 
5. Conclusions 

The flow instability phenomenon in a low-specific-speed 
centrifugal pump is investigated by using steady and unsteady 
flow simulation, and the flow inside the impeller is measured 
by PIV test. From the numerical and experimental results, the 
following conclusions can be drawn. 

(1) The present numerical treatment is suitable for the simu-
lation of flow instability in pumps. Regarding the performance 
prediction at part-load conditions, the accuracy of unsteady 
simulation is better than that of steady simulation. 

(2) The energy loss in the impeller is the largest during spe-
cial part-load conditions among all the flow components in the 
pump.  

(3) During one revolution of the rotating stall, one blade-to-
blade passage is always partially blocked off by the vortex 
occurring at the impeller inlet for each instant. The blockage 
of this blade-to-blade passage induces a jet flow with large 
velocity at the next blade-to-blade passage along the rotational 
direction of the impeller. 

(4) The blockage and jet flow in the blade-to-blade passages 
will cause unstable flow in the impeller, performance break-
down, and pressure vibration. 
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Nomenclature------------------------------------------------------------------------ 

A : Section area (m2) 
bep : Best efficiency point 

CP : Non-dimensional energy loss parameter  
D : Diameter (m) 
g : Gravitational acceleration 
H : Pump head (m) 
p : Pressure (Pa) 
P : Power (w) 
Q : Flow discharge (m3/h) 
u : Velocity (m/s) 
r : Density (kg/m3) 
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